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Abstract
This paper is concerned with a stress analysis in a bearing under unbalanced forces of

the journal. Some aspects of mathematical modeling of rotating structures were considered.
"Finite Element Method" is formulated for modeling rotating structures. As an application, a
test Totor mounted on two-lobe hydrodynamic bearings is presented. Unbalance response
calenlations for various unbalance magnitudes are carried out in the beanng location. The
bearing coefficients were found at rotational speed of 4,000 rpm. An accurate identification of
bearing force parameters, i.e. stiffness and damping coefficients is presented by a classical
linearized model. The bearing suppont forces in flexible rotor-bearing systemns are presented
as a function of unbalance response of the journal. The caleulation of the bearing stress due to
rotor unbalance are carried owr using ANSYS. The ANSYS program gives a good aids in
understanding (he stress analysis in the bearing under the action of journal rotation.
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Nomenclature
CyyCyiCuys O : elements of bearing damping

[1/1].{F4] : unbalance force associated
With cos(it and sinf2l

[F!] : unbatance force of the disk
Ky KKKy © elements of bearing stiffness

I, I : diametral and polar mass
moment of inertia

m? : mass of the disk

I/"}_,I{,: unbalance veloeity response of the
journal

[M*],[CLIK] : mass, damping and stiffness
for rotor clement matrices

M4],|C? : mass and damping For disk
element matrices

[a] : displacement vector

V, V. unbalance displacements response of
the journal

W, W, :small angle rotations about Y and X
uxis, respectively

}-‘d,xd :mass center eccentricities of the disk in

Y apd X axis directions measured at t=0

£2 : spin speed
Intreduction
Rotor dynamic stabality is a
measure of the tendency of whirl vibration
to grow or decay with time. The rotor
instability vibrations in compressors and
turbines have caused severe failures and
costly downtime for several large
projects [11.
To determine the unbalanced
response of a general rotor with properties
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defined at several stations a numerical
methods are used. Transfer matrices and
finite element methods are popular, as it
had been studied by Zorzi and Nelson {1].
Polk {2]. Nelson and McVaugh [3]. Nevzat
& Levent [4]) had developed a computer
program  to  calculate forward and
backward whirl speeds, corresponding
mode shapes and to evaluate rotor stability.
The dynamic respense of a multi-disk rotor
system supported by fluid film bearing was
presented by Sharan |5]. Earlier studies
have supgested that a rcliable estimation of
the state of unbalance (both amplitude and
phase} at multiple planes of a flexibly
supported rotating machine from measured
vibration data is possible using a single
machine run-down. Sinha {6] proposed a
method that can reliably estimate both the
rotor unbalance and misalignment from a
single machine run-down, Rotor-beanng
systemn  characteristics, such as natural
frequencics, mode shapes, stiffness and
damping coefficients, are essential 10
diagnose and to correct vibration problems
during system operations. Among the
above characteristics, accurate
identification of bearing force parameters,
ie, stifiness and damping coefficients are
some of the most difficull parameters to
achieve. Ficld identification by unbalance
response measurements is a simple and
often reliable way to  determine
synchronous speed force coefficients [7].
The current study performs a dynamic
analysis of a rotor supperted by two fluid
film journal bearings with non-linear
suspension. The dynamics of the rolor
centre and bearing centre have been
studied by Chanp-Jian and Chen [8], This
analysis of the rotor-bearing system was
investigated under the assumptions of a
couple-stress lubricant and a short journal
bearing approximation.
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Mathematical Modeling

The mathematical modeling can be
classified as threc components:

1-Modeling for rotor element,

2-Modeling for ripid disk element.

3-Modeling for bearing element.

1- Modeling for rotor element

A typical flexible rotor-bearing
system consists of a8 rotor composed of
discrete disks and rotor segments, and
discrete elastic bearings. Figure 1 shows a
typical rotor element of lengih L with the
coordinates used to describe the end point
displacements [q]. Each rotor element is
modeled as an eight degree of freedom
glement with two rotations and two
transiations at each end. The displacements
of a differential disk of thickness dx placed
at a distance x from the element epd are
denoted by V, , Vy , W, and W,,. The
equalion of motlion can be obtained for the
finite rotor element as [9]

e il o Lad+ (&< Ba) = [F )

Where [Me}] is the symmeiric mass
matrix and [C*] and [K®] are the pon
symmetric damping and stiffness matrices
for the rotor element respectively[4]. [F] is
the generalized foree vector which includes
forcgs resulting from the mass unbalanee,

fr :W ¥ TQJ

s “V!" *{“

o —A
i / x 9z E
dh L Py Ge ':
) L ,.i

2-Modeling for rigid disk
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The equation of motion of a rigid
disk of mass md , diametral mass monent
of inertia Id and polar mass moment of
inertia Ip can be found according 1o
method described in reference [4] as
follows

pelal+lcla=[F]

Where
m' G 0 0
d
[M“’]: 0 wm° 0 0
0 0 I, 0
0 0 0 i
[{) 0 0 0
0 0 g ¥
<]
D 0 ] 5
00 -1 0

And the force duc to journal
unbalance can be written as[4]

[ —x*
[F“]z ’ cosCl + ’
L 0 0

3-Modeling for bearing element

For the modeling of bearings, a
classical linearized mode!l with eight
orincipal and cress-coupled stiffness and
damping coefficients is used (Fig2}
Consider the tested bearing or (seal
element) was considered as a point mass
undergoing forced vibrations induced by
external force functions. Equations for
small amplitudes about an equilibrium
position are described in linear form as
given in reference [10]

E” g’“}[éh[ij Ej{q]=[f;].m...(4)
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Fig.2 Representation of point mass
and bearing force coefficients

Where {}1] can be represemed as

Fo=-K,V,-KV -C.V -CV

ra’ 1 ‘XET X L
F,==K V., -K.V,-C, V. -C.V, .5

Solution of System Equations

The equations of motion of the complete
system can be obtained from the
component equations as given in[4]

MIsk+ [clal+ [k Tal= [F)on.. 6

Where [M],|C], and [K] are (he mass,
damping, and siiffness mairices of the
system obtained by assembling the element
matrices. The foreing vector doe to an
unbalance force for rigid disk, eq. (3), can
be also written as

[FI={Fi]cos( Q)+ Falsin(£21)..........{7)

And the response {q), due to the
unbalanced forces only, assuming a
harmonic solution is

g = g, cos{X + ¢, sin
g =—gq,L2sin L + ¢, Leos 0 ..., (8)
& =-g,£2" cosQ¥ — ¢, 02° sin
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Substituting eq.(8) in the cquation of
maotion (6), then separating the sine and

COSIng lerms gives
P

k-M2 e [aql [A 055
el 1 B
then eq (9) can be selved in a single matrix
equation.

Resnlts And Discussion

Hydrodynamic forces have cross-coupied
components that lead to stability problems
for fixed geometry bearings. By referring
to case study given in [5], it is possible to
carry out the predicted unbalance [orces of
the prinding machine rotor. These
unbalance forces can be shown in two
cases as follow:

Case one, the cross—coupling reaches a
value of approxi_matelg* K»=33300x10°N/m
and ke~ -14431x10°N/m. It is evident
from the data shown in Fig.3, with the
plain bearings, instability is predicted to
oocur after a pertod of time.

Case two, where the cross—couplings are
taken as ky— 33300x10°, k= 14413x16°
N/m. This case was more stable in which
the tilting pad bearings are predicated to
vield stable opecration(Fig.4). The data
referced to above casc one and case two
were used in the forward calculations
which is drawn in Fig.3 and Fig.4 which
were found in good agreement with the
work of Sharan and Rao|5]. The bearing
has inside radius of the journa} is 0.0508m,
thickness 0.01m, and length 0.0508m. The
material of the bearing is Aluminum alloy ,
elastic medulus is 73GPa.

For case one, the forces in the plain
bearing for a grinding machine rotor
increase with time which makes the rotor
unstable, these forces are shown in Fig.3,
while in Fig.4, with positive ¢ross-coupling
stiffness the forces are approximately in a
sine wave equation with maximum forces
in X and y-directions as 48.79 and 153.3 N
respectively.
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The minimum forces can be found
from data of fig.4 in x and y-direction as
-112.70N and -159.67N. The forces are
shown in fig.4 should be avoided in the
operation of rotating machinery as they
cause fluctuating stresses, which in twm
may rapidly induce fatigue failure. the
maximum forces are compression on the
bearing while the minimum forces are in

tension.
3.00E~0D -
2 QME+OG - T T S St
= Force in X-
% 1.00E+09 - i diraclion
E LB S A e sl Farce i -
L b directian__ |
-1.00E+Q8 -+ . -
-2.00E+089
000002 303005 0,07 0.00
i fimais)
Fig.3 The force exerted in the bearing of a
grinding machine rotor for case one
) =———ai—g|
153
v ]

surface was deformed by (-0.001145 m}
while the bottom surface was deformed by
{(0.001145 m).

Tablel Maximum and minimum deformations in
the bearing

forceN)

o
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Fig.4 The force exerted in the Eé':_aring of a grinding

machine rotar in the x and y-direction for case two

ANSYS data are illustrated in Fig.5 and
Fig.6. Fig.5A shows the deformation of the
bearing under action of maximum force,
From Table 1 it can be found that the
maximum deformation is (0.001087 m)
occurred in the top surfuce for bearing,
which mean increasing in the dimension.
Also, it can be found that the maximum
deformation (-0.001087 m) occurred in the
bottom surface which mean decreasing in
the dimensions. In contrast tv Fig.64,
which the deformation was carmried out
under action of the minimum force, the top

Case two Deformation{m)
At maximum unbalance forces | 0.001087
-0.001087
At minimum unbalance forces | 0.001145
-0.001145

A- Delfommalions distribution under maximum

unbalance forces

-
L
3
[
=
]
-
[

B- Stresses distribution in y-dirsction under
maximum unbalance forces
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- Stresses distribution in x-direction under

maximum unbalance forces B- Stresses distribution in y-direction under

minimum unbalance forees
Fig.5 stresses and deformations
distribution in the bearing under
maximum unbalanee forces (case two)

C- Stresses distribution in x-direction under
minimum wnbalance forces

A- Deformations distribution under Fip.6 stresses and deformations
minimum unbalance forces distribution in the bearing under
minimum unbalance forces {case two)
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Fig.5B and Fig.6B show the stresses
distibution in y-direction. From Table2
and Fig.5B, the maximum stress ococur in
besides and in the internal surface of
magnitude {-2298 Pa) and the minimum
stress 15 {-19854 Pa) in the exiernal
surface, top and bottom of the bearing.
These stresses are compressive because of
the compressive coefficient forces on the
bearing surface. The maximum stress is
found from Fig.6B is (20907 Pa) in the
external surface, top and bottom, of the
bearing. While the minimum stress is
{2420 pa} occur in besides and in the
internal surface, since the coefficient forces
became tension on the bearing surface. It
cause a tension stresses as in Fig.6B,
Fig.53C and Fig.6C show the stresses
distribution in X-direction. From Fig.5(,
the maximum stress on the bearing is (-
2095 Pa) in the top and bottom of the
internal bearing surface and the minimum
stress 15 {-19526 Pa} cceur in besides and
in the external surface. In Fig.6C the
magnitude of the siress in besides and m
the external surfage is (20561 Pa) and the
stress in the top and bottom of the of
internal bearing surface is (2206 Pa).

Table 2 Maximum and minimum stresses
in the bearing

Stress(pa) Stress(pa
Caneitwn {y-direc(tlzon) (x—directin?:l
Af maximum -2298 -2098
unbalance forces | -19854 -19526
At minimum 20907 20561
unbalance forces | 2420 2206

Conclusions

1- ANSYS program gives good resuit in
determining stress and deformation for
journal bearing system.

2- The maximum deformation found in
top and bottom of bearing when a
minimum unbalance force is applied. The
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deformation in the top is negative{decrease
the dimensions) while in the bottom is
positive{increase the dimensions).

3- A fluctvating stresses are act on the
bearing in x and y-direction. In y—
direction, when the minimum forces are
act, a maximum tensile stress occur and
located at the external surface in the top
and bottom of the bearing. When the
maximum forces are act, a maximom
compressive stress oceur in the internal
surface beside the bearing.

4- In x-direction, when the minimum
forces are act on the bearing, a maximum
tensile stress is occur and located at
cxternal surface beside the bearing. But
when the maximum forces are act on the
bearing, a maximum compressive stress is
oceur and located at the internal surface in
the top and boitomn of the bearing.

4- Maximum fluctuating stress 15 occur in
y-direction which cause a fatigue fatlure.
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